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A B S T R A C T

This study explores the performance of crossflow indirect evaporative coolers (IECs) based on gyroid geometries 
and fabricated using PLA through fused filament fabrication. Different gyroid cell sizes were tested in both dry 
and wet conditions. Dry tests demonstrate high heat transfer performance, with a maximum convective heat 
transfer coefficient of approximately 170 W/(m2K) in turbulent flow. Under wet conditions, the gyroid-based 
IECs achieved a volumetric cooling capacity three times higher than traditional crossflow heat exchangers, 
while the wet-bulb efficiency reached up to 90 %, highlighting the benefits of high surface-to-volume ratios for 
enhanced evaporation. Although the coefficient of performance (COP) of gyroid-based IEC peaked between 57.9 
and 84.7 in high temperature and low humidity conditions, conventional IEC reach values 2–5 times higher 
under milder operating conditions, typical of temperate climates with moderate humidity, due to lower pressure 
drop. In any case, the COP remains significantly superior to that of vapor compression cooling systems. A key 
limitation of this study is the scale of the tested prototypes, which may not fully capture performance and dis
tribution challenges in larger systems. However, although the results are not directly scalable, they provide a 
consistent comparison of the performance of different geometries suggesting that gyroid-based IECs are partic
ularly suitable for cooling applications requiring compactness and high-power density.

1. Introduction

Climate change and the continuous increase in extreme weather 
events, such as persistent heat waves, bring to the forefront the issue of 
cooling inhabited spaces. It is well known that heating demand is 
decreasing across the European domain, while the opposite is happening 
for cooling demand [1], where the constant improvement in socio- 
economic conditions in many countries, has also led to an exponential 
growth in the spread of air conditioning systems. The 2023 IEA report 
[2] estimates that energy consumption for space cooling will more than 
double by 2050 if no action is taken. Looking back at data from previous 
reports [3], energy consumption for space cooling has more than tripled 
since 1990, accounting for about 16 % of total electricity consumption in 
the building sector in 2021 (2 GWh). This trend has led to immediately 
measurable effects, such as an increase in power outages [4], as well as 
an estimated rise in global CO2-equivalent emissions, from 566 to 994 
MtCO2. This constant growth scenario in energy consumption and 
greenhouse gas emissions has prompted the European Green Deal [5], 

which aims for a net reduction of 55 % in greenhouse gas emissions by 
2030 compared to 1990 levels, and carbon neutrality by 2050. To ach
ieve these goals, it is estimated that emission intensity (average CO2 
emissions per unit of cooling) will need to be reduced by about two- 
thirds, driving research toward new cooling systems.

As long as air conditioning systems currently installed are primarily 
based on vapor compression refrigeration (VCR), which use refrigerants 
(such as R134A, R22, etc.) to remove heat from the cooled environment. 
Due to the required compression of the refrigerant fluid, this process is 
characterized by high electricity consumption and, although there have 
been significant advancements in recent years, the coefficient of per
formance (COP) ranges, on average, between 2 and 5 [6]. Additionally, 
it should not be overlooked that the use of some of the above-mentioned 
refrigerants remains one of the main contributors to the greenhouse 
effect [7].

If air conditioning becomes necessary due to prolonged heatwaves or 
health concerns, systems should be efficient and equitably accessible, 
and a sustainable cooling strategy should develop low-energy cooling 
systems for future climates [3]. In this context, evaporative cooling 
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architectures, which exploit the latent heat of water evaporation to 
remove sensible heat from an air stream, find their niche. These systems 
are mainly divided into two categories: direct evaporative coolers (DEC) 
and indirect evaporative coolers (IEC).

In DEC, water is evaporated within the same airflow used for cooling 
the target environment. This technology often employs porous panels 
made of different materials (a comprehensive review of materials used is 
reported in [8]), which are continuously kept wet. The advantage is a 
high wet bulb efficiency, reported in Eq. (1), which represents the ability 
of DEC to approach the physical limit of the incoming wet bulb tem
perature [9]. The main drawback is the increase in relative humidity of 
the cooled environment, which can negatively affect occupant comfort 
in most of the climatic conditions. Moreover, the potential emergence of 
Legionella, due to the presence of droplets in the supply air flow [10]
underscores the importance of stringent control measures. For this 
reason, DEC solutions are more commonly used in agriculture, industry 
or arid climates.

IEC, in their simplest form, consist of two channels separated by a 
heat transfer surface. In the wet channel, working air is circulated while 
water is sprayed onto the surface facilitating the heat transfer. Water 
evaporation is sustained harvesting heat from: the surrounding air itself, 
the septum separating the channels and, consequently, the dry channel 
where the product air is cooled before being delivered to the target 
space. The moist working air is then exhausted into the atmosphere, 
never coming into contact with the cooled environment, leading to the 
limitations of the drawbacks previously mentioned. However, the 
presence of a heat transfer surface introduces a chain of thermal re
sistances that reduce the system’s overall efficiency. Moreover, the 
operating regime of IECs can depend on the type of application, e.g. in 
data centers’ cooling, where the IEC can conveniently operate in recir
culation mode: the exhaust product air is extracted from the datacenter 
and then returned to the indoor environment after being cooled by the 
IEC unit [11]. This solution decouples the inlet temperature and hu
midity conditions of the dry and wet channels. In buildings, however, 
IECs are commonly adopted not only for cooling but also to provide fresh 
air exchange, and the two IEC channels can therefore operate with 
identical inlet air temperature and humidity, corresponding to the 
external environment condition.

For IEC systems, the wet bulb efficiency (ηwb) is an indicator of how 
closely the HX approaches the physical limit of the wet bulb temperature 
measured at the wet channel inlet [9] as reported in Eq. (2) and typically 

ranging between 40 % and 60 % [12], compared to 70 %-95 % for DEC 
systems [8]. 

ηwb,DEC =
Tair,i − Tair,o

Tair,i − Twb
air,i

(1) 

ηwb,IEC =
Tp,i − Tp,o

Tp,i − Twb
w,i

(2) 

Despite the reduced performance compared to DEC systems, IECs can 
benefit from COP 5–6 times greater than VCR systems [13]. Neverthe
less, their performance is strongly dependent on ambient temperature 
and humidity and, in high wet bulb temperature conditions, the product 
air temperature may not meet thermal comfort requirements.

There are examples of tubular IECs, counter-crossflow IECs, and heat 
pipe-based IECs, but the most common architectures are typically 
counter-flow and crossflow [14]. In the former (as shown in Fig. 1a), the 
product and working airflows pass through separate channels in 

Nomenclature

Parameter Description(Unit
A Heat transfer surface area m2

COP Coefficient of performance −
CSA Cross-sectional area m2

DH Hydraulic diameter m
f Fanning friction factor −
h Convective heat transfer coefficient W

m2K

ṁ Mass flow rate kg
s

Nu Nusselt number −
Δp Pressure drop Pa
Pr Prandtl number −
Q̇ Heat transfer rate W
Q̇cool Cooling capacity W
Re Reynolds number −
ΔTLM Logarithmic mean temperature difference ◦C
Ẇel Electrical power W
Ẇp Pumping power W
Greek Letters Description

η Efficiency −
λPLA Thermal conductivity of PLA material W

mK
μ Dynamic viscosity Pa⋅s
ρ Density kg

m3

ω Absolute humidity gvap
kgda

Acronyms Description
FFF Fused Filament Fabrication
HX Heat exchanger
IEC Indirect evaporative cooling
PLA Polylactic acid
TPMS Triply Periodic Minimal Surface
Subscripts Description
1,2,3,4 Air channels (specific to the test rig configuration)
amb Ambient
da Dry air
DB Dry bulb
fan Fan-related terms
vap Vapor
WB Wet bulb

Fig. 1. Schematic of a counter-flow IEC (a) and cross-flow IEC (b) 
architectures.
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opposite directions, while in the latter (Fig. 1b), the flows are orthogonal 
to each other in separate channels. Water is usually pumped and sprayed 
through nozzles onto the wet surfaces exposed to the working air. Some 
commercial systems also use overflow water distribution systems, 
reducing the risk of nozzle clogging [15].

Currently, research on IEC systems focuses on improving water dis
tribution and water-surface interaction inside the HX. Topics that are 
actively being studied are the use of new porous materials (such as fi
bres, zeolites, and ceramics) for coating the HX surfaces [16] and air 
flow and nozzles arrangement for optimal humidification [17]. Addi
tional research has tested different heat exchange surface geometries 
with positive effects on wettability, leading to improved IEC perfor
mance [11]. These advances have resulted in COP for the IEC higher 
than 30 and ηwb exceeding 90 % [18].

As described later in this introduction, strong drivers pushing to
wards the use of polymeric materials in IEC can be found in literature.

In fact, despite examples of polymeric materials used for IEC heat 
transfer surfaces are rare, some instances demonstrate COP values 
exceeding 8, with advantages in terms of corrosion resistance and 
fouling reduction [19]. Some examples of plastic-plate IECs can be found 
in the work of Chen et al. [20]. Despite this, current research largely 
prefer metallic materials (often aluminium alloys) for IEC construction 
due to their high thermal conductivity and ease of fabrication through a 
series of stacked parallel planar channels. Increasing the heat transfer 
surface area is primarily achieved by maximizing the number of chan
nels within the unit volume, optimizing both effectiveness and fluid 
dynamic losses.

Following this approach, in recent years additive manufacturing 
(AM) has enabled the creation of complex geometries that are impos
sible to achieve with traditional methods, allowing for topological 
optimization of available space to maximize the heat transfer surface 
area for compact HXs [21]. Several AM technologies are available, 
allowing to produce both polymeric and metallic parts. Common 
polymer-based technologies include fused filament fabrication (FFF) 
and stereolithography (SLA). FFF involves the melting of a plastic fila
ment to create successive horizontal layers of material [22], while SLA 
uses a laser to cure liquid resin into solid layers [23], typically resulting 
in more detailed and precise models compared to FFF. Metal parts are 
primarily produced using selective laser melting (SLM) technology [24].

Among the most promising geometries for HX design are Triply Pe
riodic Minimal Surfaces (TPMS). TPMS are a class of implicit surfaces 
with three-dimensional periodicity, zero mean curvature, and a high 
surface-to-volume ratio. These structures can be precisely described by 
mathematical functions, allowing direct control over parameters such as 
porosity (the ratio of void to solid volume) and specific surface area 
[25]. When properly plugged, TPMS can divide space into two distinct 
volumes connected through a single, continuous heat transfer surface, 
enabling the easy creation of crossflow HXs. A complete description of 
the equations governing the available TPMS is provided in the work by 
Reynolds et al. [26].

The interest in TPMS-based HXs is high, as these surfaces tend to 
promote an earlier transition to turbulent flow regimes compared to 
traditional geometries, although the exact point of transition is still not 
univocally defined [26,27]. This flow transition characteristic, coupled 
with their high surface-to-volume ratio, offers the potential to signifi
cantly enhance the heat transfer compared to the traditional high- 
performance HX designs [21].

In this regard, several studies have investigated the thermo-fluid- 
dynamic behaviour of TPMS-based crossflow HX, both numerically 
and experimentally, analysing both metal-based and polymer-based 
lattices [28]. The most significant studies on this topic are summa
rized below to provide an overview of the available literature.

Dixit et al. characterized a hybrid experimental/numerical 
32×32×32 mm liquid–liquid crossflow HX based on gyroid-type TPMS, 
the structure identified by Alan Schoen in 1970 [29], particularly suit
able for the purpose as it belongs to the TPMS with cubic symmetry. 

Dixit et al. achieved a surface area-to-volume ratio of 670 m2/m3 and a 
specific weight of 240 kg/m3, with an heat transfer effectiveness in
crease of 55 % and a tenfold reduction in size compared to a standard 
counter-flow HX. The authors show an overall heat transfer coefficient 
of 120–160 W/m^2 ◦C in the Re range of 15 to 40 [21].

Reynolds et al. run experiments on several TPMS geometries by 
creating cross-flow water–air HXs and analysing the film heat transfer 
coefficient over a wide range of Re numbers (100–2500), asserting that 
the use of gyroid-based TPMS is the best performer and can increase Nu 
by 112 % compared to a geometry with circular tubes arranged in the 
same volume. The thermo-hydraulic efficiency comparison shows that, 
for the same pumping power, the Nu is 13 % higher than in a straight- 
tube HX, further demonstrating the potential of gyroids for HX minia
turization [26].

Yan et al. numerically studied various TPMS structures, demon
strating a 90–110 % increase in the performance evaluation coefficient 
(PEC) compared to a crossflow parallel channel structure, showing that 
the diamond-type TPMS structure has the highest volumetric perfor
mance, while the gyroid has the best performance in terms of HX weight. 
The study investigates a Re range between 200 and 500 showing that 
TPMS HXs function as “3D homogeneous mixing flow HXs” thanks to the 
continuous merging and splitting of the fluid flow that enhances the heat 
transfer by constantly interrupting the boundary layer [30].

Iyer et al. conducted an exclusively numerical study on the perfor
mance of TPMS-based geometries in a Re range of 10 to 400, calculating 
that the best performance is provided by the Schwartz-D TPMS-based 
geometry, offering a reduction in footprint by over 90 % compared to a 
smooth tube HX operating under the same conditions [27].

Femmer et al. compared TPMS-based, flat-sheet and hollow-fibre 
architectures for membrane technology applications, through both nu
merical and experimental approaches. The prototypes were fabricated 
using 3D printing with liquid photo-polymerizable resin. The results, 
although limited to a Re range of 1 − 15, showed a tenfold increase in 
heat transfer performance compared to a smooth tube operating under 
the same conditions [31].

Adding to this the study by Li et al. [32], which performed a CFD 
analysis of water/supercritical CO2 TPMS-based HX extending the 
calculation to highly turbulent flow regimes (7000 < Re < 55000), 
highlighting that TPMS structures hold great potential for heat transfer 
applications, outperforming traditional HXs. Additionally, it is noted 
that studies on these HX often utilize polymeric prototypes due to their 
relative ease of fabrication using FFF or SLA.

It is clear from the literature that TPMS-based HXs attract significant 
interest due to their high surface-to-volume ratio and ability to promote 
early turbulence transition, which enhances heat transfer and enables 
HX size reduction. Both numerical and experimental studies highlight 
their superior thermo-hydraulic performance, but, surprisingly, there 
are no reported applications in the field of IEC, where their potential 
remains, to date, unexplored. This study pioneers the investigation of 
TPMS-based IEC systems by experimentally assessing their performance 
under wet conditions. The ease that uniformly patterned, highly sym
metrical TPMS offer to create crossflow HXs, and the promising per
formance of dry TPMS-based HX, highlight the possibility of creating 
compact evaporative coolers that could be applied in fields where space 
or weight constraints are critical, unlike the current scenario, where 
IECs are predominantly used for building cooling.

In this work, three different air-to-air crossflow IECs based on gyroid 
lattices with different dimensions were created and experimentally 
tested. The gyroid structure is widely adopted in the studies mentioned 
above, due to its excellent balance between heat transfer effectiveness 
and flow resistance, making it ideal for comparison with the existing 
literature. The HXs were fabricated using PLA via FFF, and initial dry 
tests were conducted to validate the experimental setup, comparing 
results in terms of Nu and friction coefficient with the available litera
ture. In the second part of the work, the HXs built on gyroids are used as 
indirect evaporators by wetting one channel while keeping the other 
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dry, with air passing through both channels. This setup allows for the 
measurement of key operating parameters of an IEC, such as cooling 
capacity, COP, and wet bulb efficiency, providing the first experimental 
data on the performance of TPMS-based IECs under wet conditions.

2. Materials and methods

2.1. Cross flow heat exchanger based on gyroid primitive

This work uses gyroid-based cross-flow HXs, whose periodic surface 
can be described by the equation cosz+ sinzcosx = C [24], where C is a 
constant that defines the wall thickness and, consequently, the porosity. 
The function has been implemented in Matlab [33], generating three 
different base units with a wall thickness of 0.8 mm and dimensions1 of 
5.4, 7.9, and 10.4 mm (Fig. 2a shows the Gyr7.5 base unit). These base 
unit sizes were chosen to cover a representative range of hydraulic di
ameters while ensuring compatibility with the manufacturing con
straints and resolution limits of the fabrication process. Base units were 
then repeated to form elementary gyroid cells named Gyr5, Gyr7.5, and 
Gyr10 (Fig. 2b), whose dimensions are reported in Table 1. The repeti
tion of base units and the appropriate plugging of sections on the outer 
surfaces were achieved by importing the STL file into the FreeCAD 
environment [34], allowing the separation of the TPMS into two non- 
communicating volumes divided by a single continuous surface 
(Fig. 2c). This surface becomes the heat transfer surface when the TPMS 
functions as a HX, while the two volumes become two separate channels 
for the thermal exchange fluids to flow through. Corner supports were 
then added to proper sealing with the HX housing, which will be 
described in the following section.

Table 1 summarizes the geometrical dimensions of the different 
gyroid-based cross-flow HXs used, while Table 2 provides the list of 
relevant dimensions for data reduction.

The 3D model was then imported (Table 3) into the slicer software 
Simplify3D, which was used to program the Sharebot43 printer for 
manufacturing via FFF using PLA2 as the feed material. A printing speed 
of 60 mm/s and vertical resolution of 0.15 mm were selected, and care 
was taken to ensure a double-layer wall between channels to prevent 
internal porosity.

2.2. Test rig and uncertainty analysis

The experimental apparatus has been specifically designed to 
accommodate various types of air-to-air crossflow HXs and Fig. 3 shows 
a P&ID diagram and a picture of the setup, which consists of a horizontal 
and a vertical duct, with the housing (TPMS in the figure) for the cross- 
flow HX installed at their intersection. A 3 cm thick layer of poly
urethane foam insulation is applied around the TPMS housing and the 
adjacent ducts.

The test rig allows independent control of temperatures and volu
metric flow rates of the air in both channels of the HX being tested. These 
two parameters are regulated by an Arduino UNO microcontroller, 
which controls the speed of FAN1 and FAN2 through MOSFETs for PWM 
amplification, while the inlets air temperatures are controlled through 
PID feedback using auxiliary PTC temperature sensors at positions 1 and 
2 in Fig. 3. Two solid-state relays independently power the electric 
heaters (HTR1 and HTR2).

Each air volumetric flow rate can be varied from 0 to 30 m3/h while 
the temperature can be varied from ambient up to a maximum of 50 ◦C. 

The ambient temperature and humidity conditions are monitored using 
a Testo 0636–9732 thermo-hygrometric probe connected via bluetooth 
to a Testo 440 datalogger.

The inlet and outlet air temperatures of the HX are measured using 
1/10-DIN precision platinum resistance thermometer probes (model 
SE012 by Pico Technology) with a diameter of 4 mm, connected to the 
PT104 datalogger by Pico Technology and positioned at points 1 to 4 in 
Fig. 3.

The volumetric flow rates of the two air streams are measured using 
two vane anemometers: a Testo 417 in the horizontal channel, posi
tioned at point A in Fig. 3, and an Extech HD300 positioned at point B, at 
the exit of the vertical channel. The diameter of the measuring head of 
the two anemometers is 100 mm and 72 mm respectively, and the duct 
of the test rig are designed to perfectly fit the anemometers. The inlet of 
the Testo 417 is preceded by a straightener to rectify the flow in a shorter 
space. For the inlet of the Extech HD300, a length of 10 diameters was 
kept from the last concentrated pressure loss to ensure a fully developed 
flow [35].

The pressure drop generated by the HX under test is measured 
through the Chauvin Arnoux CA 1550 micromanometer by recording 
the differential pressure between points 3 and 4 (Δp = p3 − p4).

The test bench can also work in “wet mode”, where, in the vertical 
channel, water is sprayed so as to create an IEC. For this purpose, a gear 
pump (PMP in Fig. 3a) connected to Arduino is used to match the desired 
duty cycle. Water is pumped through a nozzle positioned below ther
moresistance number 2, and excess water is collected and drained 
through a siphoned outlet pipe located near point 4.

To control and to assess the effectiveness of water evaporation, a 
second Testo thermo-hygrometric probe is added at point B in Fig. 3
during wet tests to monitor evaporation efficiency.

A leak test was performed on each HX by pumping water on one side 
and ensuring that no liquid leakage occurred on the other side.

As described above, all the HXs investigated in this work have been 
additive manufactured. FFF produced a geometry with a not-neglectable 
surface roughness, which is also a consequence of the printing orienta
tion. The surface characteristics, together with an intrinsic variability of 
the wall thickness, forced to first characterize the gyroids in dry (no 
water injection) configurations. This first experimental campaign serves 
as comparison with existing literature on gyroids.

The uncertainty for each equation was estimated using the method 
suggested by Kline and McClintock [36], which is well-suited for single 
measurements without repetitions and has already been used by several 
authors, such as Qian et al. [37] in the experimental study of TPMS in 
copper and by Chu et al. [12] applying it to the study of indirect evap
orative HXs. The method assumes that the value of the result R is a 
function of (x1, x2,⋯, xn) independent variables (Eq. (3)) and that each 
variable is affected by an absolute uncertainty equal to (θ1,θ2⋯,θn). The 
propagated measurement uncertainty on the result is called θR and its 
value is calculated using Eq. (4). 

R = f(x1,x2,…,xn) (3) 

θR =

[(
∂R
∂x1

θ1

)2

+

(
∂R
∂x2

θ2

)2

+ ⋯ +

(
∂R
∂xn

θn

)2
]1

2

(4) 

2.3. Data reduction

2.3.1. Heat transfer evaluation in dry conditions
To characterize the created HXs and to compare their performance 

with the experimental studies currently available in literature, a pre
liminary campaign of “dry” tests has been conducted without injecting 
water into the secondary (vertical) channel. This brings the test condi
tions in line with similar cases already reported in other studies, which 
most of them are well summarized in the work of Reynolds et al. [26].

It becomes therefore essential to describe the problem through a 

1 The additional 0.4 mm per cell is determined by half the wall thickness, as 
the other half of the thickness is inside the cell itself.

2 The PLA used has an RAL 9010 color, a diameter of 1.75 mm, and is 
manufactured by Sharebot IT. The printing temperature is 215◦C, the melting 
point ranges from 140◦C to 160◦C, and the specific heat capacity is 1800 J/(kg 
◦C).
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dimensionless thermo-fluid dynamics perspective. In this context, 
characteristic numbers such as the Re, Nu, and the fluid dynamic Fan
ning friction factor (f) must be used.

Although the equivalent characteristic length of a gyroid is still a 
topic of ongoing discussion, Re is often defined by Eq. (5), where the 
reference length used is the hydraulic diameter of the TPMS (Eq. (6)), 
calculated as the ratio between the volume occupied by a single channel 
and the wetted surface area as suggested by Iyer et al. and Yan et al. 
[27,30]. It is also noted that the hydraulic diameter is averaged over the 
entire volume, while it constantly varies from section to section. Density 
and dynamic viscosity were calculated at the mean fluid temperature in 
each of the two regions of the exchanger, through interpolation from 
tables [35], while the average velocity (Eq. (7)) was determined as the 
mean volumetric flow rate divided by the average cross-sectional area 
defined in Eq. (8). 

ReH =
ρwDH

μ (5) 

DH =
4Vchannel

A
(6) 

w =
V̇

CSA
(7) 

CSA =
Vchannel

L
(8) 

Reynolds et al. work [26] suggests that in TPMS paths, the flow becomes 
turbulent at a Re as low as 150, implying that the dimensionless analysis 
of pressure losses can be framed by using the Fanning friction factor (f) 
for turbulent flows. It correlates the Δp across the HX to the dynamic 
pressure of the fluid 12 ρw2 through the geometrical dimensions DH and L, 
as well described by Reay et al. [38] and defined in Eq. (9). 

Δp
L

=
4

DH
f
1
2

ρw2→f =
ΔpDH

2ρw2L
(9) 

To evaluate heat transfer, we combined a first-principle energy balance 
on the individual channel (Eq. (10)) with the use of the logarithmic 
mean temperature difference equation (Equation (11)) (ΔTLM), which 
allows the calculation of the overall heat transfer coefficient U through 
the measurement of the sensible heat transfer rate ( Q̇), the heat transfer 
surface area A, and the correction factor F. Commonly available re
lationships for counter-flow HX were then corrected and used [35]. 

Q̇ = ṁcp(Tout − Tin) (10) 

Q̇ = UAFΔTLM (11) 

Gyroid HX is divided into two convoluted volumes, separated by a sin

Fig. 2. Base unit of a gyroid (a), elementary cell of the Gyr7.5 structure (b) and the full HX modelled in FreeCAD (c) in which the TPMS closing structures necessary 
for the delimitation of the two separate volumes are highlighted in green and light blue.

Table 1 
Geometrical parameter of the TPMS structures.

Name Wall thickness (s) 
[mm]

Base unit length 
[mm]

Elementary cell length 
[mm]

Elementary cell repetition for the 
CFHX (x * y * z)

CFHX total length (L) in the flow 
direction [mm]

CFHX volume 
[dm3]

Gyr5 0.8 5.4 10.8 6 * 6 * 7 0.0648 (60 cells) 0.317
Gyr7.5 0.8 7.9 15.8 4 * 4 * 4 0.0632 (40 cells) 0.252
Gyr10 0.8 10.4 20.8 3 * 3 * 3 0.0624 (30 cells) 0.243

Table 2 
Uncertainty range of the instrument used.

Instrument Resolution Accuracy

Thermo-anemometer 
Extech Instruments 
mod. HD300

0.01 m
s

±3%mv m3

h

​ 0.1 ◦ C ±2 ◦ C
Thermo-anemometer 

Testo mod. 417
0.01 m

s
±(0.1+1.5%mv) m

s
​ 0.1 ◦ C ±0.5 ◦ C
Differential 

micromanometer 
Chauvin Arnoux CA 
1550

0.1 Pa ±(0.5%mv +1) Pa

Thermo-igrometer 
Testo 0636–9732 – 
calibrated Bluetooth 
connected

0.1 %RH ±0.5 %RH

​ 0.1 ◦ C ±0.5 ◦ C
Thermo-igrometer 

Testo 0636–9732 
wire connected

0.1 %RH ±2 %RH

​ 0.1 ◦ C ±0.5 ◦ C
Platinum resistance 

thermometer Pico 
Technology mod. 
SE012

0.01 ◦ C ±0.03@0◦ C ± 0.07@50◦ C ◦ C

Table 3 
Relevant parameters for thermo-fluid-dynamic calculation.

Type Heat transfer surface area (A) 
[mm2]

Cross section area (CSA) 
[mm2]

DH 

[mm]

Gyr5 91,860 2248 6.1
Gyr7.5 51,750 1898 8.5
Gyr10 36,560 1870 12.6
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gle, continuous heat transfer surface with area A, thickness s, and 
thermal conductivity λPLA.

The overall thermal resistance is therefore the result of three con
tributions: the convective thermal resistance of channel 1–3, the 
conductive thermal resistance of the separating wall, and the convective 
thermal resistance of channel 2–4. These combine to define the overall 
heat transfer coefficient U as indicated in Eq. (12).

In this equation, the heat transfer surface area is assumed to be A =
A13+A24

2 , since the thin wall thickness makes the surfaces of channel 1–3 
and channel 2–4 very similar to each other. 

1
UA

=
1

h13A
+

s
λPLAA

+
1

h24A
(12) 

To determine the convective heat transfer coefficient and subsequently 
to derive the Nu, it is necessary to know one of the two thermal re
sistances due to convection. In the work of Reynolds et al. [26], since the 
HX involved air and water, it was reasonable to assume that the thermal 
resistance on the water side due to convection was negligible or very 
small in comparison to the air side one. In other studies, the wall tem
perature was evaluated using CFD models [21,39] and then the New
ton’s law of convection was applied.

In this work, dry experiments were conducted to maintain flow 
conditions as identical as possible between channels 1–3 and 2–4, 
allowing for the assumption h13 ≈ h24 = h and enabling the calculation 
of a mean convective coefficient that is similar for both channels. The 
procedure, also adopted by Femmer et al [31], is presented in Eq. (13), 
where U is determined experimentally by measuring Q̇ and ΔTLM. 

1
UA

≈
1

hA
+

s
λA

+
1

hA
→h ≈

2
1
U − s

λPLA

(13) 

NuH =
hDH

λair
(14) 

Nu can thus be derived from the relationship reported in Eq. (14), which 
relates to the λair, averaged over the inlet and outlet conditions of the 
fluid using values available from tables [35].

In the results section, these relationships are used to contextualize 
the results obtained with the tested heat transfer devices in relation to 

literature. The main thermofluid dynamic parameters analyzed previ
ously are summarized in the table.

The experimental campaign involved tests at different air inlet 
temperatures for channel 1–3, while maintaining a constant air inlet 
temperature for channel 2–4. The air flow rate was also varied for both 
channel 1–3 and channel 2–4 to properly evaluate Nu number under 
symmetric conditions for the two channels. The values were averaged 
over a 2-minute period after allowing sufficient time for the system to 
reach steady-state conditions.

Table 4 summarizes the test conditions for the different HXs, where 
the maximum Re achievable was dependent on the pressure drop for 
each geometry.

2.3.2. Heat transfer evaluation in wet conditions
When water is injected into channel 2–4, the gyroid-based HX 

operates as an indirect evaporative cooler. In channel 2–4, a direct 
evaporative cooling process occurs, which absorbs heat from channel 
1–3 through the evaporation of water.

Indirect evaporative coolers are evaluated based on their perfor
mance in terms of cooling capacity (Q̇cool) and COP [40], which 
respectively represent the thermal power removed from the working air 
to the product air (from 2 to 4 to 1–3) and the efficiency of using primary 
energy to achieve heat transfer, as outlined in Eqs. (15) and (16).

In calculating the COP, the mechanical power drawn for pumping 
water in channel 2–4 was not considered, as the pump used is oversized 
for the requirements. 

Q̇cool = ṁcp(T3 − T1) (15) 

COP =
Q̇cool

Ẇel
where Ẇel =

Ẇp,13 + Ẇp,24

ηfan
and Ẇp = V̇Δp 

Fig. 3. Schematic of the test rig and photographs of the Gyr7.5 HX with a representation of the two separate cross flows and of the experimental apparatus.

Table 4 
Tests under dry conditions.

TPMS T1[◦C] T2[◦C] Re

Gyr10 25 − 50 25 785 − 2906
Gyr7.5 25 − 50 25 523 − 1740
Gyr5 25 − 50 25 376 − 976
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IEC performances are heavily dependent on the ability of the wet 
channel to evaporate water. Since we are dealing with cross-flow IEC, 
this capability is represented by ηwb,IEC, that is now framed into our 
nomenclature simply as ηwb reported in Eq. (17) [40]. 

ηwb =
T1 − T3

T1 − T2,wb
(17) 

For the calculation of T2,wb the Stull equation, reported in Eq. (18) was 
used. This equation provide a good interpolation from − 20 ◦C to 50 ◦C 
and for RH% between 5 and 99 % with mean absolute error of less than 
0.3 ◦C [41].  

The performance parameters depend also on the inlet temperature and 
humidity conditions. For each test, these conditions are reported in 
terms of dry bulb temperature Tdb and absolute humidity ω, calculated 
according to Eq. (19), where the psychrometric approach is used and 
moist air is considered as a mixture of dry air and water vapor, both 
assumed to behave as ideal gases [35]. Finally, the different parameters 
were evaluated as a function of the Re for both the dry and wet channels. 

ω = 0.622
psat@TRH%

patm − psat@TRH%
(19) 

In all the tests, the water injection pump operated with a duty cycle of 2 s 
ON every 10 s, delivering a water flow rate of 109 gH2O/min. Table 5
provides a comprehensive overview of the tested ranges for the gyroid- 
based IEC configurations, including inlet dry-bulb temperatures (T1,T2), 
absolute humidity (ω1), and Re13,Re24 for both channels.

3. Results

3.1. Characterization under dry conditions

The pressure drop across the tested HX was measured with an 
average uncertainty of 1.8 %, and its trend for each tested TPMS is 
shown in Fig. 4 as a function of Re, spanning both the transitional and 
turbulent flow regimes. The measurements are consistent with the 
experimental investigation by Reynolds et al. for a gyroid with DH = 4.5 
mm, whose pressure drop per unit of length are also included in the same 
figure.

The results for the friction factor are presented in Fig. 5, where a 
weak independence of f from Re is observed for Re > 1000 (clearly 
visible only for Gyr10 and Gyr7.5, where higher Re values were ach
ieved). This suggests that the fully turbulent flow regime is established 
near this value, as previously reported in the literature [25].

The average uncertainty in the friction factor measurement is 8.2 %, 
primarily impacted by the volumetric flow rate uncertainty, which af
fects the calculation of the mean velocity. The use of the hydraulic 
diameter in the analysis appears reasonable, as the friction factor trends 

are consistent across the different geometries, converging to a common 
value of f ≈ 0.8 for Re > 1000.

The evaluation of heat transfer in the absence of water evaporation 
was conducted through tests with similar Re numbers for both channels, 
varying the inlet air temperature difference (ΔT) between the two 
channels from 10 to 15 ◦C. In turbulent flow regimes, it has been 
demonstrated [26] that TPMS structures follow the generalized Dittus- 
Boelter equation (Nu = aRebPr0.4 [42]). Furthermore, the difference in 
inlet temperatures affects Re rather than Pr, which remains nearly 
constant at 0.67 for all tests. Assuming equal Re numbers in both 
channels, the conditions are thus considered comparable from the 
thermo-fluid dynamic point of view.

The thermal conductivity of the plastic material (λPLA) was measured 
at 0.15 W/(m ◦C) with an estimated uncertainty of 9.3 %, using the 
method proposed by Dziob et al. [43]. This value falls within the range 
available for PLA in the Matweb database (https://www.matweb.com).

Fig. 6 shows the trends of the convective heat transfer coefficient (h) 
calculated under different test conditions, with an average measurement 
uncertainty of 9.7 %. The average uncertainty in Re is 4.1 %. As ex
pected, h increases as the hydraulic diameter decreases and as Re rises, 
reaching maximum values close to 200 W/(m2 ◦C) consistent with re
sults reported by other authors.

Fig. 7 presents Nu calculated for the various gyroids tested, with an 
average measurement uncertainty of 9.8 %, along with the interpolating 
equation generated using the generalized Dittus-Boelter form: Nu =

0.161Re0.8Pr0.4 (400 < Re < 2600). This slightly differs from the equa
tion determined by Reynolds et al. (Nu = 0.49Re0.62Pr0.4→100 
< Re < 2500), whose results for gyroids in terms of Nu were obtained 
with 2 < DH < 10mm, represented by the dotted lines.

To contextualize the tests within the current body of literature, Fig. 8
compares the obtained Nu trends with results for other gyroid-based 
TPMS reported in previous studies.

The dry characterization of the HXs enables their behavior to be 
contextualized within the limited data currently available for these 

Table 5 
Tests under wet conditions.

TPMS T1[
◦ C] ω1

[
gvap/kgda

]
T2[

◦ C] Re13 Re24

Gyr10 25 − 50 9.4 − 11.6 25 − 50 1394 − 2827 1541 − 2963
Gyr7.5 30 − 50 10.9 − 12.7 30 − 50 908 − 1735 1054 − 2061
Gyr5 27 − 50 12.2 − 15.7 27 − 50 453 − 969 508 − 1020

Fig. 4. Measured pressure drop per unit of length of the different gyroid-based 
HX across a range of Re. A comparison with a gyroid HX with porosity of 37.5 % 
and hydraulic diameter of 4.5 mm from [26] is also reported.

Twb = Tdb⋅atan[0.151977(RH% + 8.313659)
1
2] + atan(Tdb + RH%) − atan(RH% − 1.676331)+0.00391838(RH%)

3
2⋅atan(0.023101RH%) − 4.686035

(18) 
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geometries. However, it is important to point out that deriving univer
sally applicable correlations remains challenging, as each seems to be 
framed to the specific geometry under study and the quality of the 3D 
printed parts. In fact, results are believed to be strongly affected by 
surface roughness, which depends not only on the type of printing 
technology but also on the specific 3D printer used [46,47].

This underscores the importance of thoroughly characterizing and 
contextualizing these HX under dry conditions before assessing their 
performance in indirect evaporative cooling applications. The next 
sections present the results obtained from testing gyroid-based ex
changers for indirect evaporative cooling systems.

3.2. Characterization under wet conditions

The HX were tested under several inlet temperatures (T1,2) and ab
solute humidity (ω) conditions, and with varying volumetric airflow 
rates through both the dry channel (1–3) and the wet channel (2–4), 
ranging from a minimum of 7.9 kg/h to a maximum of 28.7 kg/h 
depending on the pressure drop generated by the HX. The effect of 
airflow average velocity was assessed independently for the two chan
nels: in the first set of tests, the airflow velocity in the wet channel (w24) 
was kept constant while it was varied in the dry channel, and in the 
second set, the velocity in the dry channel (w13) was held constant while 

it was varied in the wet channel.
Fig. 9 shows the trends in cooling capacity under various operating 

conditions, where the figure legend indicates the type of HX used and 
the inlet air temperature conditions. The absolute humidity during the 
tests varied with environmental conditions and was measured as 14.6 
gvap/kgda or Gyr5, 11.9 gvap/kgda for Gyr7.5, and 10.2 gvap/kgda for 
Gyr10. A discussion on the impact of absolute humidity variations is 
provided in the appendix.

w24 was set to an average of 2.0 m/s for Gyr5, 3 m/s for Gyr7.5, and 
2.9 m/s for Gyr10, corresponding to Re of the wet channel equal to 739, 
1535, and 2227, respectively. The average measurement uncertainty 
was 6.8 % for the cooling capacity ( Q̇cool) and 5.8 % for the mean ve
locity w13 and w24.

The graph shows a clear trend of increasing cooling capacity with 
higher volumetric airflow rates in the dry channel, which lead to an 
increase in the convective heat transfer coefficient, predominantly 
dependent on Re as demonstrated by the dry tests.

Even more sharp is the performance improvement with increasing 
inlet air temperature that can be explained by the steep decrease in 
relative humidity, which, in the wet channel, results in a higher vapor 
pressure gradient between the saturated air near the liquid film on the 
gyroid surface and air at the center of the channel. This directly corre
lates with the increase of the specific mass transfer coefficient, whose 
calculation depends on the local film temperature: a parameter that 
cannot be investigated with our experimental setup and would require 
dedicated CFD simulation.

It is also observed that the high absolute humidity reached during the 
Gyr5 tests leads to penalized performance, especially at lower temper
atures (Gyr5@25 ◦C). It can therefore be concluded that Gyr5′s perfor
mance could exceed the calculated values if adjusted to an absolute 
humidity level comparable to the other tests, which is not feasible with 
the current experimental setup, as it does not allow control over the inlet 
air absolute humidity.

These outputs raise the question of the role played by airflow ve
locity in the wet channel (w24). Tests were therefore repeated, keeping 
the airflow velocity in the dry channel constant while varying the 
airflow rate in the wet channel. The cooling capacity was then calcu
lated, and the results are presented in Fig. 10 where w13 was set to an 
average of 1.8 m/s for Gyr5, 2.4 m/s for Gyr7.5 and 2.6 m/s for Gyr10.

As expected, the cooling capacity shows a general little sensitivity to 
changes in velocity in the wet channel, resulting in no significant vari
ations, often within the margin of measurement error.

However, different trends were observed in Q̇cool of Gyr5 during 
Fig. 6. Convective heat transfer coefficient for the different TPMS.

Fig. 7. Calculated Nu for the TPMS plotted along with the correlation found for 
this study. Dotted lines represent the upper and lower band of DH for gyroids 
tested in [26].

Fig. 5. Calculated values of the friction factor of the different gyroid-based HX 
across a range of Re. A comparison with the lower and upper-band results 
obtained by Reynolds et al. for different Dh [26] is also reported.
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testing. Specifically, a decrease in cooling capacity was recorded as the 
wet channel velocity increased, concurrently with a reduction in ηwb, as 
shown in Fig. 11.

The reduction in ηwb is consistent with findings reported by De 
Antonellis et al. [17] for conventional cross-flow HXs. In configurations 
where the inlet air temperatures of the wet and dry channels are similar 
(a condition comparable to our tests) an increase in the w24 can lead to 
this condition. This is due to the higher air temperatures in the wet 
channel, which may reduce the temperature drop achievable in the dry 
channel. The authors note that this effect can be mitigated by increasing 
the sprayed water flow rate to promote greater air saturation and, 
consequently, a more effective temperature reduction along the wet 
channel.

In the case of Gyr5 only, where the water flow rate was kept constant 
across all tests, it is hypothesized that a similar mechanism occurred but 
triggered by partial obstruction of the wet channel. It was observed that 
the narrower channel geometry of Gyr5, combined with the use of a 
nozzle producing large droplets (as in our setup), cause some parts of the 
HX to become partially blocked and excluded from airflow due to liquid 
accumulation.

Under these circumstances, preferential flow paths can develop, 
leading to locally increased airflow velocities compared to the average 
value measured and plotted. These preferential paths reduce the effec
tive working surface of the HX, potentially limiting the overall 

performance of Gyr5.
The additional decrease in cooling capacity observed at higher w24 

values (and not typical of crossflow HX as reported in Ref. [17]) is still 
attributed to the inhomogeneous water distribution that lead to a lower 
temperature drop in the dry channel airflow, which results in a lower ηwb 
compared to tests at low w24.

This behaviour was not observed for Gyr7.5 (DH = 8.5 mm) and 
Gyr10 (DH = 12.6 mm), for which neither Q̇cool nor ηwb show significant 
variation with changes in w24. These observations and related hypoth
eses highlight the need for further dedicated experimental investigations 
on gyroid geometries with a hydraulic diameter below 8.5 mm. Future 
studies should specifically address the interaction between water flow 
characteristics, droplet size distribution, and surface wettability, as 
these factors may significantly affect channel wetting, flow distribution, 
and ultimately, the thermal performance of the HX.

The condition, generally verified, that wet channel velocity has 
limited impact on cooling capacity compared to changes in w13, suggests 
technical optimization strategies for system operation. An initial eval
uation is carried out through the assessment of the COP, which values 
are plotted from Figs. 12-14 as a function of the environmental condi
tions and velocities of the different channels, with an average mea
surement uncertainty on the calculated COP of 8.9 %. Each gyroid was 
tested at three different air velocities in the wet channel, while varying 
the air velocity in the dry channel. Fig. 12 shows the COP trends for low 

Fig. 8. Results of these tests compared with the results obtained by other authors on gyroids [21,26,27,30,31,44,45].

Fig. 9. Cooling capacity plotted over the dry channel average velocity at 
different T,ω inlet conditions and at constant flow rates in the wet channel.

Fig. 10. Cooling capacity plotted over the wet channel average velocity at 
different T,ω inlet conditions and at constant flow rates in the dry channel.
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velocities in the wet channel (values are indicated in the caption), 
Fig. 13 refers to medium velocities, and Fig. 14 reports results for the 
highest tested velocities in the wet channel.

The COP value tends to decrease as the air velocity in the dry channel 
increases, with maximum COP values of 84.7, 57.9, and 59.3 recorded 
for Gyr5, Gyr7.5, and Gyr10, under conditions of T = 50◦C and RH% 
equal to 12.7 %, 14.7 %, and 17.1 % respectively. While the lowest COP 
values are observed under the maximum velocity conditions in the wet 
channel, as expected based on the results from Fig. 10, this is due to the 
additional pumping work required without registering any benefits in 
terms of cooling capacity.

The ηwb is reported from Figs. 15-17, following the same approach as 
in the previous figures. It is observed that ηwb is strongly influenced by 
the available HX surface area, with Gyr5 consistently exhibiting higher 
values compared to the other configurations, followed by Gyr7.5 and 
Gyr10. For Gyr5, it is important to consider that partial blockages in the 
wet channel (as already mentioned) may affect the results beyond the 
assumed margins of error. Nevertheless, the observed trends remain 
consistent and indexes of the potential performance of this geometry.

Confirming findings already available in the literature for traditional 
IECs [8,40], the ηwb decreases with increasing w13, simply because the 
temperature difference (ΔT) in the dry channel becomes smaller due to 
the increased airflow which is not compensated by higher convective 
heat transfer coefficient. However (Fig. 16), the plots provide a clear 
positioning of the gyroid performance: ηwb ranges from 20 % to 33 % for 
Gyr10, from 31 % to 49 % for Gyr7.5, while Gyr5 shows a substantial 
improvement, with values between 47 % and 90 %, falling within the 
range typically expected for non-regenerative IECs.

In the case of an TPMS-based IEC, it is difficult to refer to prior art in 
the literature since, to the best of the authors’ knowledge, no similar 
studies have been conducted so far. However, performance comparisons 
can be made with the limited studies available on IECs based on tradi
tional crossflow hx with parallel aluminum channels, as done so far for 
the comparison of ηwb and referring once again to the findings presented 
in Ref. [17] and [11], which present results on the performance of 
different airflow configurations (counter-flow and parallel-flow) along 
with various water injection strategies and tests on different geometries 
for flat heat transfer surfaces. These studies were conducted on much 
larger HX compared to the TPMS-based devices in this work, with di
mensions of 0.47 x 0.47 x 0.39 m in the Ref. [17] study and 0.7 x 0.7 x 
0.2 m in the Ref. [11] and channel heights lower than 10 mm.

Similar geometries allow the full thermal development of the flow, 
differently for what is observed in TPMS geometries at the tested scales, 
where flow likely remains in a developing regime throughout the entire 

channel length.
In the first study, under operating conditions comparable to those 

tested in our work (T2 = 36.8◦C,ω = 10.6gvap/kgda ,T1 = 35◦C) and air 
velocities in both channels of 3.7 m/s the achieved wet-bulb efficiency 
reached a maximum of 74 %, generating a temperature drop in the dry 
channel ΔT13 = 9.5◦C which leads to a cooling capacity of approxi
mately 3800 W. When normalized to the HX volume, the volumetric 
cooling capacity is around 44 kW/m3.

We can attempt to compare this result with our TPMS-based cases at 
T1 = T2 = 37.5◦C for the Gyr10 and Gyr7.5 structures, which were 
tested at similar humidity levels and air velocities as those in De Anto
nellis’s study and does not show the limitations of Gyr5. As shown in 
Fig. 18, the volumetric cooling capacities of Gyr7.5 operating in those 
conditions were respectively 107 kW/m3 and 129 kW/m3, as indicated 
by the data labels on the corresponding histogram bars. These values are 
2.4–2.9 times higher; however, they should be properly contextualized 
in relation to the small size of the TPMS-based HXs employed, which do 
not meet predefined target outlet temperature requirements.

The high energy density achieved is attributed to the enhanced local 
convective heat transfer coefficient promoted by both the TPMS geom
etries and the not fully developed flow, which comes at the cost of a 
high-pressure drop for the fluid through the HX. For instance, Ref. [11]
shows that their HX delivered a power density of 48.7 kW/m3 (similar to 
Ref. [17]) with an operational COP of 32. This is calculated not 
considering water pumping costs and assuming an overall fan efficiency 
of 50 %, as in our study. The operating conditions in their study were 
T2 = 25◦C,ω = 10gvap/kgda,T1 = 35◦C,w13 = 3.2m/s and w24 = 2.2m/s.

When comparing these results with our TPMS-based HXs under T1 =

T2 = 25◦C operating conditions, the COP for the Gyr10 structure results 
equal to 6.0 at 25 ◦C (increasing to 14.7 if T1 = T2 = 37.5◦C conditions 
are considered). For the Gyr7.5 structure, the COP is 9.4 at 30 ◦C (25 ◦C 
sample point is not available) and 16.2 at 37.5 ◦C indicating a reduction 
by a factor of 2–5 compared to standard cross-flow HX.

Finally, we observe the data regarding the air outlet temperatures, 
recorded as a function of the inlet temperature while varying the air 
velocity in the dry channel. In Fig. 19, a maximum ΔT13 of 15.8 ◦C is 
observed, which occurs with the Gyr5 under the conditions of maximum 
inlet temperature (50 ◦C) and minimum relative humidity. The worst 
performance, on the other hand, occurs with an inlet temperature of 
25 ◦C using the Gyr10 structure. In this case, ΔT13 is 1.8 ◦C. These data 
should be interpreted alongside the results in terms of ηwb: when ηwb is 
significantly below 1, this suggests that performance could certainly be 
improved by increasing the evaporation rate of the HX perhaps intro
ducing porous or hydrophilic coatings. The PLA surface is, in fact, 
relatively hydrophobic, with a static water contact angle ranging from 
75◦ to 85◦ [48], and its affinity for water varies depending on the surface 
finish of the printed material. In particular, for highly rough surfaces 
(often generated by a layer spacing of 0.3 mm or more) the contact angle 
can decrease to as low as 53◦ [49]. This further highlights how the re
sults depend not only on the material itself but also on the print quality.

4. Conclusions

This study evaluated the thermo-fluid dynamic performance of in
direct evaporative coolers based on gyroid geometries. The HXs were 
fabricated in PLA through FFF technology and designed in three 
different hydraulic diameters (Gyr5 = 6.1 mm, Gyr7.5 = 8.5 mm and 
Gyr10 = 12.6 mm) to explore the influence of cell size and surface-to- 
volume ratio on thermal performance.

In dry tests, the gyroid structures demonstrated high heat transfer 
capabilities, confirming the data reported in the literature, with 
maximum convective heat transfer coefficient reaching ≈ 170 W/(m2K) 
for Gyr5 under turbulent flow conditions (Re ≈ 1000). On the other side, 
the friction factor was confirmed to be a weak point of these geometries, 
stabilizing at f ≈ 0.8 for Re > 1000 and leading to high pumping costs.

Fig. 11. Wet bulb efficiency plotted over the wet channel average velocity at 
different T,ω inlet conditions and at constant flow rates in the dry channel.
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Fig. 12. Coefficient of performance plotted over the dry channel velocity at different T,ω inlet conditions. Wet channel velocity was kept constant at average values 
of 1.4 m/s for Gyr5, 2.2 m/s for Gyr7.5 and 2.1 m/s for Gyr10.

Fig. 13. Coefficient of performance plotted over the dry channel velocity at different T,ω inlet conditions. Wet channel velocity was kept constant at average values 
of 2.0 m/s for Gyr5, 3.0 m/s for Gyr7.5 and 2.9 m/s for Gyr10.

Fig. 14. Coefficient of performance plotted over the dry channel velocity at different T,ω inlet conditions. Wet channel velocity was kept constant at average values 
of 2.7 m/s for Gyr5, 3.9 m/s for Gyr7.5 and 3.7 m/s for Gyr10.
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Fig. 15. Wet bulb efficiency plotted over the dry channel velocity at different T,ω inlet conditions. Wet channel velocity was kept constant at average values of 1.4 
m/s for Gyr5, 2.2 m/s for Gyr7.5 and 2.1 m/s for Gyr10.

Fig. 16. Wet bulb efficiency plotted over the dry channel velocity at different T,ω inlet conditions. Wet channel velocity was kept constant at average values of 2.0 
m/s for Gyr5, 3.0 m/s for Gyr7.5 and 2.9 m/s for Gyr10.

Fig. 17. Wet bulb efficiency plotted over the dry channel velocity at different T,ω inlet conditions. Wet channel velocity was kept constant at average values of 2.7 
m/s for Gyr5, 3.9 m/s for Gyr7.5 and 3.7 m/s for Gyr10.
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Under wet conditions, the gyroid-based HX showed high perfor
mance as indirect evaporative coolers, achieving a volumetric cooling 
capacity that more than doubled the values typically obtained with 
crossflow plate HXs. For example, the Gyr7.5 achieved a volumetric 
cooling capacity of 129 kW/m3 at an inlet temperature of 37.5 ◦C, 
significantly exceeding the 44 kW/m3 reported for traditional aluminum 
HXs under comparable conditions. Nevertheless, it should be noted that 
smaller HXs often operate with higher temperature differences, which 
can lead to seemingly higher power density values. This aspect must be 
considered when comparing different technologies and represents a 
limitation of the present study.

The wet-bulb efficiency reached a maximum of 90 % for the Gyr5 
highlighting the advantage of a high surface-to-volume ratio in pro
moting evaporation, while the COP achieved peak values of 84.7, 57.9, 
and 59.3 for the Gyr5, Gyr7.5, and Gyr10, respectively, under inlet 
temperatures of 50 ◦C and relative humidity ≈ 15 %. However, 
compared to standard cross-flow HXs operating under milder climate 
conditions the COP of TPMS-based results in a 2 to 5 times reduction.

These findings underscore the potential of gyroid geometries for 
applications where compactness is critical, although the elevated pres
sure drop remains a significant challenge for operational efficiency.

Future research should aim to optimize water distribution to both 
maintain high wet-bulb efficiency with larger hydraulic diameters and 
ensure uniform distribution in channels with hydraulic diameters below 

8.5  mm. This includes applying surface coatings to the plastic structure 
to enhance evaporation rates and reduce the risk of clogging by pro
moting the development of a thin and continuous water film, exploring 
counterflow water nozzle configurations, and optimizing the timing of 
water spraying, ideally within full-scale HX prototypes to ensure scal
ability and practical applicability.
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Fig. 18. Volumetric cooling capacity under different ambient air conditions with variable velocity in the dry channel shown on the x-axis. The average velocity in the 
wet channel is 2.7 m/s, 3.9 m/s and 3.7 m/s for Gyr5, Gyr7.5 and Gyr10 respectively. Labels are positioned on the values used for comparison with the literature.

Fig. 19. Trend of the air outlet temperature from the dry channel (T3) as a function of the inlet temperature (T1) under different air velocity conditions in the dry 
channel reported in the legend.
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Appendix A 

A.1 Influence of absolute humidity on the results

The test rig used can control only the temperature, while the absolute humidity depends on environmental conditions. Although the tests were 
conducted under similar environmental conditions, some tests were repeated during a particularly humid day to evaluate the impact of humidity on 
the results. For the test conditions, it was decided to repeat the tests with the Gyr5 structure at an inlet temperature of 37.5 ◦C. The reference test, 
conducted with an absolute humidity of 12.0 gvap/kgda, was compared with a test condition at 17.6 gvap/kgda. As shown in Fig. A.1, the increase in 
ambient humidity reduces the cooling capacity of the indirect HX, leading to variations on the order of the measurement error. The same can be said 
for the coefficient of performance, while the wet bulb efficiency is the parameter most affected by the variation, since ηwb is calculated with reference 
to the wet bulb temperature, which itself is strongly affected by changes in absolute humidity.

For this reason, it is important to contextualize the results in terms of ηwb considering the environmental conditions used. To support this, the 
specific ambient conditions for each test have been explicitly reported in the figures throughout the article.

Fig. A.1. Comparison of cooling capacity (a), wet bulb efficiency (b), and coefficient of performance (c) for Gyr5 under different absolute humidity conditions.

Data availability

Data will be made available on request.
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